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The performance of a miniature Joule–Thomson cryocooler depends on the effectiveness of the heat
exchanger. The heat exchanger used in such cryocooler is Hampson-type recuperative heat exchanger.
The design of the efficient heat exchanger is crucial for the optimum performance of the cryocooler.

In the present work, the heat exchanger is numerically simulated for the steady state conditions and
the results are validated against the experimental data available from the literature. The area correction
factor is identified for the calculation of effective heat transfer area which takes into account the effect of
helical geometry. In order to get an optimum performance of the cryocoolers, operating parameters like
mass flow rate, pressure and design parameters like heat exchanger length, helical diameter of coil, fin
dimensions, fin density have to be identified. The present work systematically addresses this aspect of
design for miniature J–T cryocooler.

� 2014 Elsevier Ltd. All rights reserved.
1. Introduction design of Hampson-type heat exchanger is crucial due to its com-
Joule–Thomson (J–T) cryocoolers have been widely used for
many applications such as cooling of infrared detectors, cryosurgery
probes, thermal cameras, and missile guidance systems, due to their
special features such as simple configuration, compact structure and
rapid cooldown characteristics. It consists of a recuperative heat
exchanger, an expansion device, and an evaporator. Fig. 1 shows
the schematic of a J–T cryocooler. The thermodynamic performance
of these cryocoolers is mainly governed by the effectiveness of the
heat exchanger. Usually, the heat exchanger is Hampson-type
finned tube heat exchanger. The finned tubes are helically wound
on mandrel and shield is provided on the outside of the coil. The
working fluid such as nitrogen, argon at high pressure flows inside
the helically coiled finned tube, and returns over the fins after
expansion through an orifice at the end of heat exchanger. The
low-pressure stream circulates over the finned tube surface in oppo-
site direction to the high-pressure stream. The process 1–2 repre-
sents the heat rejection by the hot fluid at high pressure, whereas
the process 4–5 is the heat gain by the cold fluid at low pressure.

Several researchers have worked to compute steady state perfor-
mance of the J–T cryocooler [1–4]. Few studies on transient analysis
of J–T cryocooler have also been reported in the literature [5–7]. The
plex geometry, variation in thermo-physical properties of fluid
and thermal losses. Ng et al. [1] and Xue et al. [2] reported experi-
mental and numerical study of the J–T cryocooler for steady-state
characteristics with argon as a working fluid. Chua et al. [4] have
argued that, Ng et al. [1] and Xue et al. [2], in their numerical work,
have not used the actual heat transfer area for the low pressure
return stream in the helical heat exchanger, but have used some cor-
rection factors to compute effective area of heat transfer in the
return line. Additionally, there is very little information available
in the literature related to the effect of various operating and design
parameters on the performance of the J–T cryocooler.

The design of recuperative heat exchanger for its optimum per-
formance depends on many parameters such as type of fluid, mass
flow rate, supply pressure, and various design parameters such as
heat exchanger length, fin tube diameter, helical diameter of coil,
fin dimensions, and fin density. In the present work, numerical
simulation of the heat exchanger is performed to carry out the
parametric study for the optimum performance of the cryocooler.
2. Numerical model of heat exchanger

2.1. Heat exchanger geometry

2.1.1. Calculation of flow area for low pressure stream in shell side
In the present study, the specifications of the heat exchanger

are taken from the literature [1], which are given in Table 1. The
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Nomenclature

A area, m2

As surface area, m2

Cp specific heat capacity, J/kg K
d diameter, m
df fin tube diameter, m
Dh hydraulic diameter, m
Dhel mean diameter of helical coil, m
f friction factor
G mass flux, kg/m2 s
h heat transfer coefficient, w/m2 K
k thermal conductivity, w/m K
L length of heat exchanger, m
_m mass flow rate, kg/s

n fin density, number of fins per meter
Nfins/coil number of fins per coil turn
P pressure, Pa
p perimeter of heat transfer, m
Pr Prandtl number
Re Reynolds number
t mean fin thickness, m
T temperature, K
u mean velocity, m/s

Greek symbol
DP pressure drop, Pa
q density, kg/m3

Subscripts
a ambient
c cold fluid
ci capillary inside
co capillary outside
h hot fluid
i inside
in inlet
m mandrel
mi mandrel inside
mo mandrel outside
o outside
out outlet
r radiation
s shield
si shield inside
so shield outside
w wall
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accurate calculation of the flow area for the low-pressure stream is
essential for modeling the finned tube heat exchanger. Fig. 2 shows
the cross-section of the finned tube heat exchanger. In order to cal-
culate flow area for low pressure stream, Ac, cross-sectional area of
tube without fins and area of fins in one coil turn is subtracted
from the total annular area between shield and mandrel. It is
expressed in Eq. (1)

Ac ¼
p
4
ðd2

si � d2
moÞ �

p
4
½ðDhel þ dcoÞ2 � ðDhel � dcoÞ2�

� tðdf � dcoÞ � Nfins per coil ð1Þ

where dsi is inside diameter of shield, dmo is outside diameter of
mandrel, Dhel is diameter of the helical coil, df is finned tube diam-
eter, dco is the fin root diameter, and t is mean thickness of the fin.
Nfins per coil represents the number of fins per turn of the coil, which
is given in Eq. (2).

Nfins per coil ¼
pDhel

fin pitch
ð2Þ
Heat
exchanger

Fig. 1. J–T cryocooler.
Alternatively, the projected area method [8] can be used to cal-
culate flow area and outside perimeter of the finned tube. Accord-
ing to this method, the total available free flow area on shell side,
Ac, neglecting diametrical clearance is given in Eq. (3).

Ac ¼ pDhel½ðdf � dcoÞð1� n� tÞ� ð3Þ

where n is number of fins per m.

2.1.2. Calculations of surface area & Perimeter of finned tube
In order to calculate outside perimeter of the finned tube, calcu-

lations are done for one turn of the coil neglecting the surface area
of tips of the fins. The outside surface area of finned tube is calcu-
lated by subtracting surface area occupied by base of all fins on
tube in one coil turn from the surface area of bare capillary tube
and the surface area of two sides of all fins in one coil turn. There-
fore, surface area offered by the outer finned surface in one coil
turn, As, is calculated as given in Eq. (4).

As ¼ p2 n
2
ðd2

f � d2
coÞ þ dcoð1� ntÞ

h i
Dhel ð4Þ

Hence, perimeter of outer finned surface (surface area per unit
axial length), pco, is obtained as
Table 1
Specifications of the heat exchanger [1].

Parameters Dimension

Inside diameter tube, dci (mm) 0.3
Outside diameter tube, dco (mm) 0.5
Inside diameter of mandrel, dmi (mm) 2.3
Outside diameter of mandrel, dmo (mm) 2.5
Inside diameter of shield, dsi (mm) 4.5
Outside diameter of shield, dso (mm) 4.8
Length of heat exchanger, L (mm) 50
Straight length of tube (mm) 549.5
Diameter of helical coil, Dhel (mm) 3.5
Pitch of tube (mm) 1.0
Number of turn of tube 50
Height of fin (mm) 0.25
Pitch of fin (mm) 0.3
Thickness of fin, t (mm) 0.1
Fin density (fins/mm) 3.3



Fin

Fig. 2. Cross-sectional view of J–T heat exchanger.
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pco ¼ p2 n
2
ðd2

f � d2
coÞ þ dcoð1� ntÞ

h iDhel

df
ð5Þ

Hydraulic diameter for return stream for pressure drop estima-
tion is calculated as

Dh ¼
4Ac

Wetted perimeter

2.1.3. Assumptions
The assumptions made in the numerical modeling of the heat

exchanger for J–T cryocooler are as given below.

1. Heat transfer is one dimensional along the axis of heat
exchanger.

2. Heat conduction in radial direction across the capillary wall is
neglected.

3. The helical tube is assumed to be perfectly circular and closely
spaced.

4. Diametrical clearance between fins and shield is neglected.
5. The emissivity of the shield is assumed to be constant with

respect to variation in shield temperature.

2.2. Governing equations and boundary conditions

2.2.1. Governing equations
The governing equations used in the numerical model are as

follows:
Continuity equation:

d _m
dx
¼ dðGAÞ

dx
¼ 0 ð6Þ

where _m ¼ quA ¼ GA.
Momentum equation:

dP
dx
¼ �2fG2

qd
� G2 dð1=qÞ

dx
ð7Þ

where the fanning friction factor for flow in a helical coil, f is given
by

f ¼ 0:184 1þ 3:5
dci

Dhel

� �
� Re�0:2

Energy equations:

ðaÞ Hot fluid : _mhCph
dTh

dx
¼ hhpciðTw � ThÞ ð8Þ

ðbÞ Cold fluid : m
:

cCpc
dTc

dx
¼ hc½pcoðTc � TwÞ þ psiðTc � TsÞ

þ pmoðTc � TmÞ� ð9Þ

ðcÞ Finned capillary tube : kwAw
d2Tw

dx2 ¼ hhpciðTw � ThÞ

þ hcpcoðTw � TcÞ ð10Þ

ðdÞ Mandrel : kmAm
d2Tm

dx2 ¼ hcpmoðTm � TcÞ ð11Þ

ðeÞ Shield : ksAs
d2Ts

dx2 ¼ hcpsiðTs � TcÞ þ hrpsoðT4
s � T4

aÞ ð12Þ

Convective heat transfer coefficient for hot side fluid for single
phase turbulent flow, Re > 1 � 104 is given in Eq. (13).

hh ¼ 0:023� CphGhRe�0:2
h Pr�2=3

h 1þ 3:5
dci

Dhel

� �
ð13Þ

Convective heat transfer coefficient for cold side fluid for turbu-
lent flow, 2.0 � 103 < Re < 3.2 � 104 is given in Eq. (14).

hc ¼ 0:26� CpcGcRe�0:4
c Pr�2=3

c ð14Þ
2.2.2. Boundary conditions
Adiabatic boundary conditions are used at both, the hot and the

cold ends of the heat exchanger which are given in Eqs. (15) and
(16), respectively.

At x ¼ 0; Th ¼ Th;in;
dTw

dx
¼ 0;

dTs

dx
¼ 0;

dTm

dx
¼ 0; P ¼ Ph;in ð15Þ

At x ¼ L; Tc ¼ Tc;in;
dTw

dx
¼ 0;

dTs

dx
¼ 0;

dTm

dx
¼ 0; P ¼ Pc;in ð16Þ

The above governing Eqs. (6)–(12) are solved over the control
volume using finite difference technique in MATLAB. It is an accu-
rate method as compared to segmental approach since the conduc-
tion and radiation losses can be considered in this method. The
numerical solution to the descretized form of the governing equa-
tions is obtained using Gauss–Seidel iterative method. The Gauss–
Seidel method requires much less memory than the direct matrix
solution method and requires less computational effort as well.
At each node, temperatures are initialized using a set of reasonable
guess values. The finite difference equation that results from an
energy balance on each control volume is solved explicitly for
the temperature of the node, T(i), as a function of the temperatures
of the surrounding nodes. Properties are updated with local tem-
perature and pressure conditions in the simulation. All properties
of the working fluid are evaluated using BWR-S equation of state
in aspenONE software [9].
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3. Validation of the model

The numerical model developed is validated against the exper-
imental results available in the literature [1]. Figures 3 and 4 show
the comparison of predicted temperature profiles for two different
cases of supply pressures of 179 and 140 bar, respectively, when
the working fluid is argon. It is clear from these figures that the
temperature profiles for the hot fluid are in good agreement with
the experimental results. However, the temperature profiles of
the cold fluid do not match very well. It over predicts the temper-
atures which indicates that the theoretically computed rate of heat
gain by the cold fluid is higher. It means that, in actual case there is
inefficient heat transfer between the cold fluid and the outside sur-
face area of the finned tube. This may be due to reduction in actual
heat transfer area because of non-uniform flow distribution over
the finned surface. In other words, effective heat transferring area
which interacts with the cold fluid on the shell side is less. There-
fore, it necessitates the use of area correction factor to compute
effective heat exchange area for the return stream. This is also
pointed out by Chua et al. [4] without giving actual value for the
same.

In the present work, the area correction factor is determined for
the heat transfer area on the cold side. The relevant condition for
area correction factor is to validate the numerical results against
the experimental data reported by Ng et al. [1] for different oper-
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Fig. 3. Temperature profiles (Ph,in = 179.12 bar).
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Fig. 4. Temperature profiles (Ph,in = 140.47 bar).
ating conditions. This is probably the only experimental data avail-
able in the literature for temperature profiles in a miniature J–T
cryocooler. The wetted outside perimeter of the heat exchanger
is reduced step-by-step to study its effect on the temperature pro-
files. The numerical analysis is performed systematically in order
to achieve the minimum difference between the predicted and
the experimental temperature profiles for different operating con-
ditions. It is noted that, with the decrease in surface area on the
cold side, temperatures of the cold fluid decrease, while there is
not much change in the temperatures of the hot fluid. Using area
correction factor of 0.3, the predicted and the experimentally
obtained temperature profiles show a reasonably close match. It
means that the effective heat transfer area is 70% of the actual area
on the cold side. A further reduction in the theoretical area shows
mismatch in the predicted and the experimentally obtained tem-
perature profiles of the hot and the cold fluid.

Figures 5 and 6 show the temperature profiles for area correc-
tion factor equal to 0.3. These figures reveal that the temperature
profiles obtained with the correction factor are in good agreement
with the experimental data for both the cases of the supply pres-
sures. These figures also compare the pressure distribution of the
hot fluid with that reported by Ng et al. [1] for both the cases of
the supply pressure. The total pressure drop in the hot fluid is
108.7 bar for the case of supply pressure of 179.12 bar, whereas
it is 71.7 bar when the supply pressure is 140.47 bar. The hot fluid
pressure profiles are in close approximation with the results given
in the literature [1].
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The predicted temperatures of the cold fluid at the outlet of the
heat exchanger are compared with the experimental data and the
simulation results from the literature. Table 2 gives the validation
of the numerical results in tabular form for the outlet temperature
of the cold fluid as well as relative errors between predicted and
actual results. Table 3 compares the results for pressure drop in
both, the hot and the cold fluid against the literature data. It is
noted that the pressure drop in both, the hot and the cold fluid,
are comparable with that of the literature values. It is clear from
Table 2 that the predicted temperature of the cold fluid at the out-
let is close to experimental values. The relative error in the simu-
lated results for the outlet temperatures of the fluid are within
1% limit.
0.10.94
2.7 2.8 2.9 3 3.1 3.2 3.3 3.4 3.5 3.6 3.7

Fin density, fins/mm

Case 2: Pressure drop

Fig. 7. Effect of fin density on the heat exchanger performance.
4. Performance optimization of cryocooler

Performance of the J–T cryocooler depends on various design
and operating parameters. The design parameters considered in
the present work are fin density, coil diameter, heat exchanger
length, while the operating parameters considered are working
fluid, mass flow rate, and supply pressure. In the following section,
effect of design parameters is studied for a J–T cryocooler, specifi-
cations of which are given in Table 1, while in the later section, the
performance optimization is attempted for this specific design of
the J–T cryocooler. The optimization is carried out to maximize
cooling capacity at low temperature for which J–T cryocooler is
designed. The parameters optimized are heat exchanger length,
pressure, mass flow rate for different working fluids, argon and
nitrogen. The constraints in optimizing different parameters are
as given below.

(a) The condition of the hot stream at the outlet of the heat
exchanger should be such that the state of the working fluid
after isenthalpic expansion should fall in vapor dome so as
to have sufficient cooling effect.

(b) Pressure drop in the return line should be kept minimum so
that the net pressure at the return line outlet remains above
atmospheric pressure.
4.1. Effect of geometry on performance of the cryocooler

The effect of the design parameters of the heat exchanger such
as fin density, helical coil diameter on the performance of the cryo-
cooler is studied to determine its optimum performance.
Table 2
Prediction of heat exchanger temperatures.

Input conditions Tc,out (K) (N

Ph,in (bar) Pc,in (bar) Th,in (K) Tc,in (K) Experimen

179.12 1.7272 291.49 110.36 282.57
169.86 1.7460 291.40 110.42 283.73
160.1 1.6362 292.25 109.9 284.77
149.66 1.4713 292.14 109.28 284.90
140.47 1.3426 291.94 108.70 284.98

Table 3
Prediction of pressure drop.

Ph,in (bar) Pc,in (bar) Pressure drop (bar) (Ng et a

Hot fluid

179.12 1.7272 109.26
140.47 1.3426 77.25
4.1.1. Effect of fin density on heat exchanger performance
Fin density is optimized with the objective of maximizing effec-

tiveness of the heat exchanger and with the constraints of allow-
able pressure drop in the cold fluid. Fig. 7 shows the effect of fin
density on the effectiveness of the heat exchanger for the case with
the supply pressure of 179.12 bar and 140.47 bar. It is observed
that with the increase in fin density, the effectiveness of the heat
exchanger increases due to increased area of heat transfer. How-
ever, increase in effectiveness is less beyond certain fin density,
i.e. 3.3 fins per mm. This is due to more resistance to flow on the
cold side. Fig. 7 also shows the effect of fin density on the pressure
drop in the cold fluid for both the cases of supply pressures. It is
noted that the pressure drop on cold side increases with increase
in fin density for both the cases of supply pressures. It is also found
that the pressure drop in the cold fluid increases with the increase
in supply pressure for any value of fin density. The pressure drop in
the cold fluid is more crucial since increased pressure drop leads to
more power consumption. The allowable pressure drop in the cold
fluid for the case of supply pressure of 179 bar is 0.7 bar, while it is
0.35 bar for the case of supply pressure of 140 bar. Therefore, opti-
mum fin density for both the operating pressures is 3.3.
4.1.2. Effect of helical diameter of heat exchanger on performance of
the cryocooler

In order to study the effect of the helical diameter of the heat
exchanger on the performance of the cryocooler, two cases of the
helical diameters, 3.5 mm and 4.5 mm are considered. The heat
g et al. [1]) Tc,out (K) numerical Relative error (%)

tal Numerical

282.85 284.38 +0.63
282.90 285.53 +0.63
284.07 285.23 0.161
284.19 284.74 �0.056
284.15 284.96 �0.007

l. [1]) Pressure drop (bar)

Cold fluid Hot fluid Cold fluid

0.67 108.69 0.529
0.3176 71.7 0.385
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transfer area is kept constant for both the cases. Therefore, the
length of the heat exchanger decreases to 38.9 mm from 50 mm
with the increase in helical diameter from 3.5 mm to 4.5 mm.
The cooling capacity is calculated at 110 K keeping all the param-
eters constant for both the cases. Supply pressure for argon is fixed
at 200 bar.

Fig. 8 gives the comparison of the cooling capacity variation
with respect to mass flow rate for two different cases of the helical
diameter. It is observed that the cooling capacity is more for the
heat exchanger having less helical diameter. This is due to higher
turbulence due to secondary flows in the heat exchanger. Due to
increase in the helical diameter, the heat transfer rate decreases
while there is compensation in pressure drop in the cold fluid
due to reduced flow path for the cold fluid. Therefore, the decrease
in the maximum cooling capacity is only 3.7% with the increase in
the helical diameter for the above case. The maximum cooling
capacity corresponds to the same mass flow rate of 0.28 g/s for
both the cases.
140

160

180

200

ce
, k

J/
kg

50 MPa
40 MPa
30 MPa
20 MPa

Nitrogen
4.2. Effect of operating parameters on performance of the cryocooler

In this section, the effect of the working fluid and other operat-
ing parameters such as mass flow rate, supply pressure on the
cooling capacity is analyzed to determine the optimum perfor-
mance of the cryocooler.
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4.2.1. Effect of working fluid
Usually, nitrogen and argon are used as working fluids in the J–T

cryocooler. The properties of the fluid significantly affect the per-
formance of the cryocooler. In a perfect recuperator (i.e. one with
an infinite conductance), maximum possible refrigeration capacity
per unit mass flow is the minimum value of the specific enthalpy
difference (isothermal J–T effect) over the entire operating temp
range. In order to study the effect of fluid on the performance of
the cryocooler, ideal cooling capacities are calculated for two dif-
ferent fluids: nitrogen and argon. Figures 9 and 10 show variation
in the specific enthalpy difference with respect to supply pressure
for argon and nitrogen, respectively. It is observed that the
enthalpy difference between the two pressures decreases at higher
temperatures since gas behaves more like an ideal gas. The mini-
mum enthalpy difference at temperature of 300 K increases with
the increase in supply pressure up to 40 MPa. At pressures higher
than 40 MPa, the increase in ideal cooling capacity is less for argon;
however, there is decrease in cooling capacity in the case of nitro-
gen for increase in supply pressure beyond 40 MPa. The maximum
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possible cooling capacity of the J–T cryocooler with the use of
nitrogen and argon is compared in Table 4. It is noted that the ideal
cooling capacity for argon is more than that for nitrogen for the
same operating range of temperatures and pressures.

Fig. 11 compares the cooling capacity of the J–T cryocooler
working with argon and nitrogen for the same operating condi-
tions. As pointed out in Table 4, it is found that the cooling capacity
for argon at 110 K is more than that for nitrogen at any operating
mass flow rate of the fluid. The difference in the cooling capacity
increases with the increase in the mass flow rate. The maximum
cooling capacity obtained is 6.79 W at the mass flow rate of
0.28 g/s for argon. In the case of nitrogen, the maximum cooling
capacity is 4.0 W only at the mass flow rate of 0.22 g/s. This is
due to reduced isothermal J–T effect for nitrogen as a working
fluid. Fig. 11 also proves that the pressure drop in the hot fluid is
more in the case of nitrogen as compared to that for the argon.
Due to cumulative effect of increased pressure drop in the hot fluid
and reduced isothermal J–T effect, cooling capacity is lower with
the nitrogen as a working fluid.

The pressure drop in the hot fluid is 46.8 bar corresponding to
maximum cooling capacity at 0.28 g/s for the case of argon. For
nitrogen, this pressure drop is 43.3 bar corresponding to maximum
cooling capacity at 0.22 g/s. It is also noted from Fig. 11 that pres-
sure drop in the hot fluid increases significantly with increase in
the mass flow rate. In the case of argon, the pressure drop in the
hot fluid increases to 89.9 bar for mass flow rate of 0.38 g/s.



Table 4
Maximum cooling capacity per unit mass flow rate at various supply pressures (Ph, in) and Pc,in = 1 bar.

Fluid Temp. range Specific enthalpy difference (kJ/kg) at supply pressure in MPa

10 20 30 40 50

N2 80–300 K 19.40 30.90 36.16 37.62 36.73
Ar 90–300 K 18.0 32.10 41.10 46.30 48.99
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Fig. 11. Effect of working fluid on performance of J–T cryocooler.
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Fig. 13. Effect of supply pressure on performance of the cryocooler.
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4.2.2. Effect of mass flow rate on performance of heat exchanger
Fig. 12 shows the effect of mass flow rate on the effectiveness of

the heat exchanger and pressure drop in the hot fluid. It is found
that, pressure drop in the hot fluid increases significantly and
effectiveness of the heat exchanger decreases with the increase
in mass flow rate.

4.2.3. Effect of supply pressure on performance of the cryocooler
Fig. 13 shows the effect of supply pressure of argon on the per-

formance of the cryocooler for the input conditions of Th,in = 300 K,
Tc,in = 110 K, and Pc,in = 1.7 bar. It is clear from the figure that cool-
ing capacity increases with the increase in supply pressure. It can
also be seen that the optimum mass flow rate for producing max-
imum cooling capacity increases with the increase in supply pres-
sure. The optimal mass flow rate is 0.18 g/s for the supply pressure
of 150 bar, while it increases to 0.28 g/s for the supply pressure of
200 bar. Also, pressure drop in the hot fluid decreases with
increase in supply pressure. The pressure drop in the hot fluid is
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Fig. 12. Effect of mass flow rate on performance the heat exchanger.
calculated to be 46.8 bar for the supply pressure of 200 bar, while
it is 39.8 bar for the supply pressure of 240 bar with mass flow
0.3 g/s. This is due to the fact that both, the friction factor and
the density increase with the increase in the supply pressure. How-
ever, increment in the density is more than increment in the fric-
tion factor. Therefore, the cooling capacity is more with increase
in supply pressure for any operating condition of mass flow rate.
Additionally, it is observed that the increase in mass flow rate
beyond 0.35 g/s leads to increased pressure drop in the cold fluid.
For the supply pressure greater than 180 bar, the pressure drop in
the cold fluid is more than the allowable limit to have positive
pressure at the suction to the compressor. Therefore, maximum
limit on the operating mass flow rate is 0.35 g/s for the supply
pressures greater than 180 bar. However, for the lower supply
pressures, limit on the maximum mass flow rate is determined
due to cooling capacity.

On the basis of above study, the optimum size of the heat
exchanger to have maximum cooling capacity at low temperature
of 110 K is determined for the given operating conditions. For this,
high pressure and low pressure are 200 bar and 1.7 bar, respec-
tively. It is clear from Fig. 13 that, for the heat exchanger length
of 50 mm, a maximum cooling capacity of 6.8 W at 110 K can be
achieved with supply pressure of 200 bar and mass flow rate of
0.28 g/s. Also, for lower mass flow rate of 0.2 g/s, the cooling capac-
ity obtained is 5.84 W; however, this is not the maximum cooling
capacity that can be obtained from the specified heat exchanger.
Therefore, an optimum size of the heat exchanger should be found
out for the specific mass flow rate.

Fig. 14 shows the variation in cooling capacity with respect to
the heat exchanger length. Cooling capacity decreases with the
increase in length beyond optimum value because of increase in
pressure drop in the heat exchanger. It is found from Fig. 14 that
the optimum heat exchanger length required is 45 mm only, to
have maximum cooling capacity of 6.84 W when the mass flow
rate is 0.28 g/s. On the other hand, when the mass flow rate is
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0.2 g/s, optimum length required is 55 mm for the maximum cool-
ing capacity. Therefore, it can be concluded that the optimum size
of the heat exchanger required is less for the higher mass flow rate
conditions, when the other operating conditions are kept constant.

5. Conclusions

In the present work, a miniature J–T cryocooler is simulated
using control volume approach. It is revealed that realistic heat
exchange area needs to be considered for performance prediction.
Based on the experimental results and model predictions, it is clear
that the actual area of heat transfer is less than theoretically avail-
able heat transfer area. In view of this, a new parameter called heat
transfer area correction factor is used, which confirms with the
observations given by the other researchers. The numerical model
followed in the present study is simple and gives realistic results
with the inclusion of area correction factor.

The cryocooler performance is analyzed to determine optimum
design and operating parameters. Effect of various parameters such
as supply pressure, fin density, mass flow rate on the performance
of the cryocooler is studied. The cooling capacity increases with
increase in the supply pressure of the working fluid. The optimum
mass flow rate of the fluid to have maximum cooling capacity for a
given J–T cryocooler increases with the increase in supply pressure.
The optimum length of the heat exchanger for given pressure and
temperature conditions of the fluid decreases with increased in
mass flow rate. The present work finds significance in optimization
and performance comparison of the given miniature J–T
cryocoolers.
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